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a b s t r a c t
Wearing-in of a machine component can increase the conformity between contacting pairs and
smoothen the surface topography. A two scale model, combining the wearing-in effects, resulting in
changes in the surface topography, with the wear that occurs on the component, is presented. The
geometry of the components is represented with measured coordinates. Wear leads to changes of the
geometry, which has an effect on several tribological conditions, such as contact forces, relative velocities
and conformity. Due to the wear on the topography scale, the load sharing is also affected. The model is
applied to orbital hydraulic motors. The wear depth predicted with the model is qualitatively in good
agreement with the wear depth recorded in experiments.
& 2015 The Authors. Published by Elsevier Ltd. This is an open access article under the CC BY license
(http://creativecommons.org/licenses/by/4.0/).
1. Introduction
The early life of a machine component is characterized by high
wear rates. Under desirable circumstances, this wear rate will drop
gradually and a steady state of low wear rate will occur. The
process is called running-in. Running-in is caused by a number of
factors. Changes in microstructure, activation of lubricant additives
and changes in surface topography are examples of changes that
can help us to protect the surface from further damage. Wearing-
in is when wear during the early life of a machine component
affects the wear rate through geometrical changes [6]. Wearing-in
can be seen as a two-scale process, which from a global scale
perspective increases the conformity between the surfaces and on
the local scale smoothens the topography. Smoothening of the
topography, in turn, inﬂuences the load sharing between asperities
and hydrodynamic lift, caused by pressure build up in the
lubricant. Wear which leads to a smoothening of the surfaces,
often with a low wear rate, is called mild wear. Wear causing an
increased surface roughness, usually under high wear rates, is
called severe wear. Favourable running-in is commonly initiated
by severe wear, which is followed by a state of mild wear [7].
Akbarzadeh and Khonsari [1] used a model to vary loads, initial
roughness and sliding speed to investigate the inﬂuence of these
parameters on wearing-in. The model illustrates mild wear
wearing-in. The model and experimental investigations have
shown that running-in under mild wear conditions can be
favoured by high loads. This is only the case up to a limit, where
a transition to severe wear occurs, as noted by Jamari [21].
Experimental investigations of surface roughness by Jahanmihir
and Suh [20] indicate that high loads will quickly cause a rough-
ening of a surface, and that wear under low loads can be reduced
by low initial surface roughness. Other investigations show both
increases [13] and decreases [4] in surface roughness due to wear.
The transition to severe wear can be explained by e.g. breakdown
of oxide ﬁlms, and depend on the conditions of the tribological
system [25]. A model investigating the details of the transition to
severe wear has been published by Bosman and Schipper [8]. The
study included a transition from mild to severe wear due to local
surface temperatures. The running-in is further complicated, and
improved, by including lubricant additives in the tribological
system. Changes in surface roughness due to the inﬂuence of
lubricant additives have been investigated experimentally [16,35]
and numerically [3].
Full scale component wear modelling can be used to estimate
the wear behaviour of machines and machine components. Such
models allow new designs to be tested numerically. Contact
conditions have been numerically evaluated using the ﬁnite
element method [27,29], the boundary element method [33,37,2]
and the elastic foundation material model [15,34]. Numerical
procedures to efﬁciently evaluate the wear problem have been
elaborated on by e.g. Põdra and Andersson [28] and Lengiewicz
and Suptkiewicz [24]. Mattei et al. [26] compared a number of
running-in models which assume changes in wear rate with time
for the case of hip joints. Zhu et al. [41] treated the lubrication as a
separate model component, solving the lubrication problem
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including a wear effect. Although wear models keep improving,
many of them do not consider roughness, running-in and lubrica-
tion in a satisfying way. Treating the roughness deterministically is
not always possible as time and geometry scales for a component
grow large. Therefore, simpliﬁed running-in models are needed for
full scale component wear modelling.
Orbital hydraulic motors are suitable for delivering high torque
at a low speed [19]. In the centre of the orbital hydraulic motor
there is a gear set, illustrated in Fig. 1. The gear set consists of an
inner gear which is moving in an epicyclic motion inside an outer
gear. The inner gear consists of m1 teeth. As illustrated in Fig. 1,
geometric positions on the teeth can be related with an angle θ.
The inner gear orbits around the centre of the outer gear in a
circle, which is called the excentre. The inner gear also rotates
around its own centre. The time it takes for the inner gear to
complete a rotation around its own centre is m1 times the time
it takes for the inner gear to orbit one lap on the excentre.
Contact between the inner and outer gear causes wear, which
in the worst case, can lead to seizure. Mixed lubrication effects and
wear in orbital hydraulic motors were investigated by the present
authors in a previous publication [18]. Results from the study
indicated that improvements of the mixed lubrication model
would be needed in order to explain the deviance between
simulation and experiments.
In this study a two scale wearing-in model is presented. Global
wear is modelled through material removal from the geometry of
the components. Topography scale wear is modelled by changes in
the mixed lubrication behaviour of the individual contact points
between the surfaces. Measured surface topographies are used to
tune the topography scale wear model. The two scales are
illustrated in Fig. 2. The model is applied to carry out numerical
simulations of wearing-in behaviour of gear sets in an orbital type
hydraulic motor. The model is applied to unique, measured gear
set geometries. The numerical simulation results include changes
in the forces between inner and outer gear, as well as the changes
in the load sharing between lubricant and asperities. Finally, the
component scale wear recorded in the experiments is compared
with the wear depths predicted by numerical simulations.
2. Method
A numerical model, developed by the authors of this work,
which was presented in [17], is used to estimate tribological
conditions in a number of orbital type hydraulic motor gear sets.
The hydraulic pressure in the motor is balanced by contact forces
Ftot, at each contact point. The contact forces together with speeds,
geometry and material data constitute known tribological condi-
tions. The conditions, in combination with measured surface
roughness, are used to estimate the extent of mixed lubrication.
The load which is carried by direct asperity contact, Fa, is then
used to calculate a pressure distribution. The process is repeated
for a number of time increments, as the inner gear moves all the
way around the excentre cycle. Once the whole rotation is
complete, a theoretical model is used to estimate the wear on
two scales. On both scales material is removed based on an
Archard type of wear model. The numerical simulation results
are compared with experimental results, in terms of wear, for the
gear set geometry presented in Fig. 1.
2.1. Numerical model
The numerical model includes calculations of forces, contact
points and velocities, based on what is observed on the global
scale. These tribological conditions are calculated from measured
surface proﬁles, as presented in [18]. On the local scale, a relation
between applied force and resulting average surface separation
between two rough surfaces is calculated. This local scale is
deﬁned here as the topography scale. The curve depicting the
relation between contact force and separation is referred to as the
contact stiffness or contact stiffness curve. The two scales of the
model, the topography scale and the tribological conditions from
the global scale, are considered in the mixed lubrication model.
Wear is included in the model both on the topography scale and
on the global scale.
The gears of the gear set, shown in Fig. 1, are symmetric around
each inner and outer gear tooth. This means that the tribological
conditions are cyclic and by using the symmetry, the calculation of
tribological conditions can be done (m1)m times more efﬁ-
ciently. For a more detailed explanation, the reader is referred to
[18]. The model presented in this paper does, however, not rely on
Fig. 1. The gear set of an orbital hydraulic motor. The inner gear hasm1 teeth and
the outer gear has m teeth. In this work, m¼7. The geometry is designed in such a
way that the inner gear moves in an orbit inside the outer gear, due to hydraulic
expansion of the chambers, which are isolated by contact between the inner and
the outer gear. One inner gear in contact with an outer gear is illustrated to the
right. The angle θ is a coordinate that describes the inner gear proﬁle.
Fig. 2. A schematic image of two scales of wear which occur during wearing-in. Component scale wear changes the conformity between the machine pair, and topography
scale wear affects the roughness. The image of component scale wear is not in scale, in terms of wear depth. Furthermore, also in the image of component scale wear, the
location of wear is not related to the real application.
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this symmetry. That is because when measured proﬁles are used
as input, each inner and outer gear tooth has unique features, and
every time an inner gear moves through its contact with an outer
gear, a unique set of contact forces (and other tribological condi-
tions) will be the result. In order to account for the full range of
contact forces, the whole movement of the inner gear is consid-
ered in this paper.
In what follows, a description of the mixed lubrication model is
ﬁrst given in Section 2.1.1. Thereafter, in Section 2.1.2, a detailed
presentation of the extension of the model that considers the
topography scale wear is presented.
2.1.1. Mixed lubrication model
In order to determine the severity of contact, a model for mixed
lubrication is necessary. As the contacts between inner and outer
gears are highly loaded and, for a large part of the time, non-
conformal, the lubrication regime is assumed to be partial or full
ﬁlm elastohydrodynamic lubrication (EHL). The mixed lubrication
model is crucial in this work, as it is where tribological considera-
tions from the global scale are combined with the topography
scale behaviour.
Parameter dependent equations for EHL contact ﬁlm thickness
were developed by Dowson and Higginson [14], and have since
been further developed by e.g. Pan and Hamrock [30]. Under the
assumption of no side leakage, full ﬂooding, isothermal behaviour,
smooth surfaces, and a Newtonian ﬂuid, a ﬁlm thickness formula
was derived from results of numerical simulations. The formula
can be improved by considering asymptotic solutions of the
governing ﬁlm thickness equations, as noted by Venner [39]. In
this work, the minimum ﬁlm thickness, hmin, is determined by
using the formula for ﬁlm thickness developed by Venner. The
relationship between minimum lubricant ﬁlm thickness, hmin, and
lubricant carried force, FlðhminÞ, can also be calculated. The ﬁlm
thickness and lubricant carried force only depend on parameters
calculated on the global scale.
A classic way to determine the lubrication regime is by
measuring the lambda ratio. The lambda ratio is deﬁned as the
minimum ﬁlm thickness over the root mean square roughness
[36]. The outcome is a parameter which estimates the severity of
contact, in terms of lubrication regime. For a more exact distribu-
tion of pressure exchange between mating surfaces in relation to
pressure exchange over lubricant ﬁlm a different approach is
preferable. Using numerical simulations it is possible to determine
the contact pressures as well as the separation between surfaces
based on their measured topographies. Chen et al. applied fast
Fourier transform to calculate the elastic–plastic contact pressures
as well as sub-surface stresses [11]. A way to implement ideal
plastic behaviour was presented by Sahlin et al. [32]. Given a force
Fa, the model presented by Sahlin et al. can be used to calculate the
average separation h between two measured surface topographies.
The separation is calculated by summing the separation between
the deformed surfaces at all nodes and dividing by the number of
nodes in the whole area of the calculation. If the procedure is
repeated for a large amount of forces, a relation between average
separation and asperity contact force Fa can be established:
Fa ¼ f ðhÞ: ð1Þ
We refer to the relationship modelled by f as the contact stiffness.
In the present approach, the inﬂuence of the surface topography is
accounted for by means of the contact stiffness. The topography of
the two contacting surfaces and the corresponding material
characteristics are required to calculate a contact stiffness. A
contact pair can be aligned in many ways. The representation of
the contact stiffness used in this work is taken as the arithmetic
average of the contact stiffness from all possible combinations of
the contact pair.
The total force, Ftot, between the inner and the outer gear at a
contact point used here is the same as was determined in [36], viz,
Ftot ¼ FaþFl: ð2Þ
Ftot is a quantity acting at the global scale. By applying a non-linear
optimization method in Matlab, Eq. (2) together with the equation
for the lubricant ﬁlm thickness and Eq. (1) is solved for Fa. In classical
load sharing theory, there is a relation between the elasticity of the
hydrodynamic ﬁlm and the elasticity of the asperities, see [22] for
such an example. However, in this work we are forced to omit such
effects in order to reduce calculation times.
2.1.2. Topography scale wear
Wear alters the surface roughness of machine components.
Detailed changes in roughness are, however, hard to predict.
Experimental investigations show both increase and decrease of
roughness, depending on wear severity. Considering changes in
roughness due to wear is therefore a complicated task. The model
presented here is in part based on models found in existing
literature and in part on experience from research and develop-
ment of orbital type motors.
In a tribosystem, every point on each surface is exposed to a
pressure pðx; y; tÞ and a velocity vðx; y; tÞ.
In this model, the stiffness of the topography is assumed to be
affected by this pressure and velocity history. We are looking to
formulate a relationship between the relation in Eq. (1) and the
history of p and v. It is convenient to formulate such a relationship
so that a limited amount of information need to be stored. A model
that requires only one parameter per grid node in the numerical
simulation is suggested. In this work, this parameter is a separa-
tion factor (H). If before wear we have a contact stiffness
Fa ¼ f oðhÞ; ð3Þ
as in Eq. (1), where the subscript o denotes original contact
stiffness, before the wear process. We now assume a relation after
wear,
Fa ¼ f wðhÞ: ð4Þ
fo(h) represents the stiffness of unworn surface topographies,
while fw represents the unknown function representing the stiff-
ness of the worn surface pair. For the same force to occur between
worn surfaces as between unworn, a different separation is
required. We deﬁne H so that
f oðhÞ ¼ f wðHhÞ: ð5Þ
Thus, with the suggested model, wear modiﬁes the contact
stiffness so that the same load as used to occur at separation h
occurs at separation Hh instead, see Fig. 3 for a graphical
representation. Values of H equal to 1 means that the contact pair
has the same roughness as the initial surface. Smaller H mean that
a lower separation is required in order to achieve the same forces
and for H41 contact occurs at a larger separation, compared to
the original unworn surface.
When two surfaces are worn differently, different contribution
to H from each surface is expected. A relationship where for each
surface i
HiðtÞ ¼ gðvðtÞ; pðtÞÞ ð6Þ
and H ¼H1þH2 is suggested for the surfaces 1 and 2. Now,
HiðtÞ ¼ gðvðtÞ; pðtÞÞ is a wear dependent roughness factor which
has a value at each grid node for each contacting body.
During running-in it has been observed that the roughness
decreases depending on the initial roughness. The roughness will
then reach a minimum value and not be further reduced by longer
duration wear processes [40]. This behaviour can be captured by
our model by setting a lower limit on Hi. Based on observations, it
is set to 0.15. This number is further motivated in the results part
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of this paper. In order to limit the complexity of the model, which
is still at an infant stage, it is assumed that Hr1. The assumption
is further motivated in the results part of this paper. In summary,
the boundaries for Hi are 0:15rHir0:5.
For mild wear it is assumed that the surfaces becomes
smoother. In order to achieve the smoothing we ﬁrst look at the
highest value of h where fo(h) is non-zero. We call this value of the
separation h0. The difference in separation Δh, between where
initial contact occurs for the unworn and worn surface pairs, is
then given by
Δh¼ h0ð1HÞ; ð7Þ
as illustrated in Fig. 3. If we are to ﬁnd Hi, we ﬁrst assume that the
two surfaces are wearing the same amount, which is reasonable if
they consist of the same material, and strain hardening effects are
disregarded. This means
H ¼ 2Hi: ð8Þ
Then we can let the change Δh be a measure of the wear depth on





And thus, for mild wear we obtain the following expression for Hi
from Eq. (7):








For severe wear, a rough surface will result. Due to the upper
limit on Hi, the roughest surface is the original surface. For
simplicity, the model assumes that severe wear on a surface will
set the value of Hi to Hi¼0.5, for the severely worn contact points.
Using pin on disk data from published work, their own experi-
ments and their own calculations, Lim et al. identiﬁed maps of mild
and severe wear [25]. A strictly pressure dependent transition from
mild to severe wear occurs due to increased pressure, under low
temperature conditions. The reason for this transition was argued to
be breakdown of oxide layers. In the case of orbital motor gear sets,
where there are no steady state conditions and lubricant additives
help protect the mating surfaces from severe wear, the wear maps for
pin on disk contacts do not translate directly. However, it seems that
a pressure dependent wear transition has been found for other EHL
systems during running-in. According to Jamari, increasing the
contact pressure will improve the quality of running-in up to a limit
value [21]. Cavatorta and Cusano [9,10] showed that the quality of
running-in is increased with increased pressure, up to a pressure
limit. The improved running-in effect is already captured by the
relation in Eq. (10). The upper pressure limit, however, need to be
determined. Simulation results of the tribological conditions in the
motor have previously been compared with observations from
experiments [18]. Severe wear was observed on measured gear sets
at some θ angles. These θ angles coincide with high local pressure, far
exceeding the calculated pressures in regions of mild wear. The exact
value for the transition to severe wear is not clear but based on
experience, a limit value on the pressure was chosen at 2.5 GPa.
The proposed running-in model is validated by comparing the
contact stiffness when H1 ¼H2 ¼ 0:15 with contact stiffness cal-
culated from surface measurements of the mildly worn gear sets.
The comparison is depicted in Fig. 5.
The formulation is particularly useful in the case when there is
a vast span of tribological conditions between the components.
Different roughness values can be speciﬁed for any location on
either surface. Another advantage with this formulation is that
wear artiﬁcially affects the top of the asperities most, then
gradually has a smaller effect with decreased separation.
2.2. Global and local wear; Wear coefﬁcient
When the load sharing has been established, the asperity force
is used to remove material on the global scale. The equation which
is used to remove material globally is the same as the equation
used locally; Archards' wear equation. In the equation, a wear
coefﬁcient is needed.
In this work, the wear coefﬁcient has been chosen to be the
same on the local and global scales, with the exception that when
pressures exceed 2.5 GPa, a transition to severe wear occurs on the
topography scale. In this case, the value of Hi is directly set to 0.5,
for the pressurized nodes of both surfaces.
The wear coefﬁcient of Archards' wear equation is an exten-
sively studied topic. Derived by Archards as an equation for
adhesion [5], the equation can also been derived for abrasive wear
[31]. The interpretation of the k-value for the two cases is
different. In the case of adhesive wear, the coefﬁcient represents
a probability that two asperities adhere and originate mass
transfer. In the case of abrasive wear, a simple derivation by
Rabinovisch [31] shows that the k-value is a function of the
asperity roughness angle, in the case of triangular asperities. In
other words, the abrasive k depends on the shape while the
adhesive k depends on the adhesive forces. As long as the wear
mechanisms do not change, Archards wear equation is valid down
to the nanometric scales [12]. On the molecular scale, however, the
continuum assumption loses validity, and along with it models for
plastic deformation and crack propagation. At this scale, the wear
occurs through dragging of atoms, according to predictions made
by molecular dynamics simulations [23,38]. But even on the
molecular scale the wear rate has been found to be proportional
to the contact pressure [38], with a many times lower wear rate.
The wear model used in this work involves two scales. The
global scale, in which wear occurs in the order of micrometers, and
the topography scale, where wear depths are in the range of
several hundred nanometres. The small scale is considered large
enough to still use the continuum model and thus, the same wear
coefﬁcient on the two scales is assumed.
2.3. Experimental method
Tests were performed as described in [18]. The samples and
their running conditions are displayed in Table 1. Roughness was
measured using an optical proﬁlometer after wear testing. Rough-
ness was measured in regions of high wear, low wear and regions
where no wear was observed, for samples B and J. The surface
measurements were ﬁltered, removing tilt and by removing shape
Fig. 3. The contact stiffness changes due to wear from fo to fw. The asperity force Fa
is the same at a separation Hh after wear and h before wear. The factor H is
calculated from the wear depth Δh.
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in form of a second order polynomial. The ﬁltered surfaces were
mirrored around the origin in order to create a periodic surface. 64
by 64 data points in the centre of the periodic surface were used to
calculate contact stiffness. The contact stiffness was calculated by
putting each surface pair in contact in every possible way, through
shifting of the surfaces. Three regions each, of surfaces which had
been mildly worn of sample B and unworn surfaces of sample J,
was used as input to calculate contact stiffness.
3. Results and discussion
3.1. Topography measurements
The surface topographies in mildly worn, severely worn and
unworn regions on inner gears were measured and ﬁltered.
Table 2 shows Ra values for three different spots of the inner
gears of samples B and J. The spots were chosen to represent
unworn (at θ¼301), mildly worn (at θ¼0) and severely worn
(at θ¼201) regions of the inner gears. The Ra values are only
used to compare the surfaces, and are otherwise unrelated to the
running-in model. The trend seems to be that surface roughness
was higher than or equal to the unworn areas in regions of severe
wear, while areas of mild wear seem to have a decreased surface
roughness. All surface roughness measurements were performed
on different spots, after testing.
Parts of the actual surface measurements are shown in Fig. 4.
The images of the surface proﬁles indicate that the choice of mildly
and severely worn regions along the inner gear geometry was
reasonable, as the surface is smoother in the areas selected as
mildly worn, compared with those selected as severely worn. In
terms of the presented wearing-in model, surface topography
measurements are the basis for the model. The assumption that
the roughest achievable surface in the model was equal to the
original roughness is based on the data in Table 2.
In the unworn regions we can see roughness shaped by the
grinding tool used to produce the pieces. The unworn roughness
was higher on sample J compared to sample B.
In the mildly worn regions we can see a signiﬁcant decrease in
surface roughness for sample B. For sample J, there was an overall
decrease in Ra, but the magnitude of the decrease varied depend-
ing on the measured location.
In the severely worn regions, the surface roughness varied
most dramatically. In some measured areas, the surface roughness
was increased compared to the unworn case, and in some areas
the surface roughness was decreased.
The two most extreme cases in terms of roughness are the
unworn regions of surface J, and the mildly worn regions of surface
B. Each combination of the surfaces from the unworn part of sample J
was used to calculate six contact stiffness curves. Similarly, each
combination of the surfaces in the mildly worn region of sample B
was used to calculate 6 contact stiffness curves. The results are
shown in Fig. 5. Representing the most extreme cases encountered in
measurements, the contact stiffness curves in Fig. 5 are used to tune
the numerical model. fo(h) is chosen as the arithmetic mean of the
calculated contact stiffness, from measured, unworn, surfaces of
sample J. The calculated contact stiffness when H¼0.3 in the model
(f oð0:3 hÞ) is also shown in Fig. 5.
3.2. Simulation results
The validation of the wearing-in model in terms of contact
stiffness changes is ﬁrst presented. After this the applied model is
analysed. The force distribution between lubricant and asperity
carried forces is analysed in depth, for the unworn original and for
the worn ﬁnal surface. The change in wear rate during running-in
is also taken under discussion. Wear depths from the simulations
are compared with wear depths from experiments.
3.2.1. Validation of the running-in model
The model for topography scale wear as presented need to be
validated. To calculate the unworn contact stiffness to be used in the
model, unworn measured surfaces should be used. As depicted in
Fig. 5, the contact stiffness calculated from contact between unworn
surfaces of sample J is similar. The arithmetic average of the contact
stiffness calculated from contact between unworn surfaces measured
form sample J is used as the initial contact stiffness, fo, in the model.
This contact stiffness is shown together with other contact stiffness
curves, calculated from measured surfaces, in Fig. 5. The smoothest
possible contact achievable in the model is when Hi¼0.15 (and thus
H¼0.3). The contact stiffness fw, with H¼0.3, is similar to the contact
stiffness calculated from contact between the smoothest of the
measured mildly worn surfaces. A difference between the contact
stiffness curves calculated from contact between measured, mildly
worn, areas and the smoothest curve in the model can be observed.
Especially at the point of initial contact, there is a difference between
the contact stiffness curves calculated from measurements. In the
model this represents different values of H in the range between
H¼1 and H¼0.3.
3.2.2. Forces and wear rate during running-in
For each inner/outer gear there are mðm1Þ contact pairs, in
terms of gear teeth contacts. Each such contact pair has unique
force characteristics during the time in which the gears are in
contact. The term gear tooth contact event will be used to describe
the force between one outer gear tooth and the inner gear, during
one excentre cycle. The total force Ftot will be dealt with ﬁrst,
followed by the asperity force Fa. The load carried by hydrody-
namic effects is thus FtotFa.
We will focus on two different, characteristic, gear tooth
contact events. The average force Ftot during the gear tooth contact
events of gear sets A–D is shown in Fig. 6. The average computed
forces Ftot of the gear tooth contact events of samples A and C can
be compared with those of samples B and D. The latter reaches
values above 400 kN/m, while the former does not. Also, the forces
Table 1
The running conditions which were used for the different samples and geometries.
The gear set was examined at two different running conditions, in order to better
understand the inﬂuence of severe/mild wear on roughness.
Running condition 90 bar 300 rpm 175 bar 600 rpm
Sample A–D J
Table 2
Ra values based on measured and ﬁltered surfaces on inner gear wheels B and J. All
measurements were done after the experimental procedure. Sample B had been
run at 300 rpm with a hydraulic pressure difference between high and low
pressure chambers of 90 bar. Sample J had been run at 600 rpm with a 175 bar
pressure difference. The region which was considered unworn was around θ¼301.
The mildly worn region was at a gear tooth top (θ¼0) and the severely worn region
was at θ¼201. All measurements were repeated on three different locations. Note
that the Ra values are not used in the numerical simulation, only to exemplify
running-in.
B unworn B mild B severe J unworn J mild J severe
0:248 μm 0:100 μm 0:342 μm 0:334 μm 0:314 μm 0:422 μm
0:259 μm 0:176 μm 0:269 μm 0:327 μm 0:206 μm 0:420 μm
0:234 μm 0:200 μma 0:183 μm 0:407 μm 0:207 μm 0:391 μm
a One extreme surface feature was excluded before this value on Ra was
calculated. The original value was 0.358.
J. Furustig et al. / Tribology International 90 (2015) 248–256252
peak at different times during the excentre cycle. We call the trend
of the average forces observed on samples A and C favourable, and
the ones observed in samples B and D unfavourable.
It should be noted again that the forces in Fig. 6 only depict the
average values for the gear tooth contact events. In fact, some gear
tooth contact events that lead to unfavourable conditions are present
in all gear sets, they were just more frequent for samples B and D.
Fig. 6 shows the contact forces, for gear tooth contact events
before and after wear. The change in force Ftot is very small on
average, leading us to conclude that the radius of curvature and
contact point location remain approximately constant during the
wear process according to the numerical model.
While the contact force Ftot seems to be almost unaffected by
the wear process, the changes in contact stiffness in the model
may still cause a reduction in the asperity force Fa. It is therefore of
interest to look at the change in Fa before and after wear. It is also
of interest to compare the difference in Fa between the favourable
and unfavourable gear tooth contact events. The forces Fa of
samples A–D are shown in Fig. 7.
The average asperity force Fa differs even more clearly between
the favourable and the unfavourable gear tooth contact events. The
Fa values in the unfavourable gear tooth contact events force curve
are higher, and a large extra peak can be observed. The force Fa is
reduced by about 21% for sample B, 19% for sample D and about
15% for samples A and C.
The wear rate of the gear set is directly affected by the asperity
carried load. The reduction in wear rate for samples B and D is
therefore higher than that of samples A and C. This is most likely
due to the initially low asperity pressure, which leads to a smaller
amounts of wear on the topography scale, and consequently a
smaller reduction in the ratio Fa=Ftot .
3.3. Wear depth results
The wear depth of all gear sets is shown in Fig. 8. Results from
both experiments and simulation are shown. There is a large
difference in terms of wear depth, between the samples A and C
compared with samples B and D. The measured wear depths in
samples B and D are larger than those of A and C. In the
experiment the difference is larger than the difference in the
simulation. This indicates that a transition to more severe wear
occurs during unfavourable gear tooth contact events, which occur
more often in samples B and D.
In the experiment, the location of highest wear depth occurs in
Zone I, marked in Fig. 8. This is also the zone where the highest
contact forces are acting on the inner gear for unfavourable gear
tooth contact events. The simulation underestimates the wear
depths in Zone I. The large wear depths which are not proportional
to the calculated pressure are most likely due to a transition to
severe wear. This transition may be induced by pressure, or
possibly high temperature which may occur at the later stage of
the gear tooth contact event, coinciding with a low value on θ. SEM
investigations in a previous publication [18] showed that the
mechanism of wear in this region was abrasive wear.
In Zone II in Fig. 8, the agreement between simulation and
experiment was very good, in particular for sample A. This suggests
that the model accounts well for the wear mechanisms in this zone.
Zone III, marked in Fig. 8, is a zone of wear which is completely
missed by the numerical simulation. As no contact pressure is
expected in this region, and no third body abrasive wear has been
seen from SEM investigations, we do not know exactly why there
is wear in Zone III. The wear mechanisms which have been
identiﬁed were 2 body abrasive and adhesive wear [18].
Zone IV, also marked in Fig. 8, is captured by the simulation in
gear sets A and C. The experiments also show wear in this region
for samples D and B. SEM analysis indicates that wear in this
region was partially due to third bodies [18], which could be an
explanation to why the wear is not fully accounted for in the
simulation results for sample B and D.
After considering the force curves and the wear data, we can
conclude that unfavourable force conditions during a gear tooth
contact event lead to severe wear. Since the running-in model did
not discover this transition, the transition pressure of 2.5 GPa, used
in the model, could have been set too high. Furthermore, severe
wear should lead to a higher k-value in terms of global wear, an
effect currently not considered in the model.
Fig. 4. Some of the ﬁltered surface topographies, measured on samples J (top row) and B (bottom row). The ﬁgures illustrate how severely worn and unworn surfaces tend to
be rough compared with mildly worn surfaces.
Fig. 5. The contact stiffnesses of mildly worn surfaces of sample B, and unworn
surfaces of sample J. The contact stiffness predicted by the model is also shown. The
model curves are the extreme cases, when H¼0.3 (mildly worn) and H¼1
(unworn).
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4. Conclusions
A numerical, two-scale, mixed lubrication, wearing-in model
was developed. Numerical simulations were run on measured
proﬁles from a number of hydraulic motor gears, which were also
tested experimentally. The gear sets which showed the higher
asperity carried contact forces in the numerical simulation also
showed the highest wear depths in experiments.
The wearing-in model includes a criterion for severe wear on
the topography scale but not on the component scale. The wear
coefﬁcient is assumed to have a constant value on the component
scale and the same value on the small scale. The criterion for, as
Fig. 6. The average value on Ftot over all gear tooth contact events, for samples A–D.
Fig. 7. The part of the load which is carried by asperities, before and after wear in the simulation. The change in roughness as included in the numerical model seems to have
a small effect on the asperity force. The peak value of the average asperity force is reduced for all samples with some variation between the samples.
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well as variations in wear coefﬁcient because of, a transition to
severe wear is one possible explanation for differences between
experimental results and simulation results.
The suggested wearing-in model illustrates an efﬁcient way to
incorporate running-in effects in mixed lubrication wear simulations.
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